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ABSTRAGT:

Energy saving with mmimum of noise and vibration levels has been very important
tasks, specially. in the refrigeration and air conditioning field. Variable speed reciprocating
compressor s used n small residential unit to control the load capacity instead of on/off
control. Based on this. it s important to study the noise and vibration generated at different
compres=zor loads, speed and fluid flow parameters,

One of the causes of excitation of the housing of the hermetic compressors in
commereial refrigeration is the periodic gas pressure variation, which interact with many
compressor elements. These variations are mainly due to the opening and clesing movement
of the suction and exhaust valves. Unbalanced pressure effects cause shaking of the
compressor which, in furn, cause compressor su.apgrisim forces to excite the compressor
shell. The compressor shell then radiates acoustic noise.

The notse and vibration generated from (luid flow are found function of compressor
speed. The excitation frequencies seen in sound pressure response that are most influenced
by the fluid dynomics are 12, 16, 20, 30, 32, 41, 75 times of the running specd. Also, the
vibration frequencies that dominate the acceleration level and that are affected by the
aerothermodinamic parameters on the compressor levels are 12, 22, 26, 41, 75 umes of
running speed,

This speed contrel gives a wide range of capacity load control operation with
decreasing sound and vibration level, which is much lower than on/off control.

MOMENCLATURE:

« : Vibration acceleration level on casing (mvs™).
£, : Wear-field sound intensity (dB).

n : Rotor speed (rps).

r: Pressure ratio (P, /P.)

Py pressure of fluid at compressor inlet (Pa).
P :Pressure of fluid at compressor outlet (Pa).
Fprg: Dynamic pressure al bottom of eylinder (Pa).
FPry Dynamie pressure at housing cavity (Pa).
Por :Dynamic pressure at top of cylinder (Pa).
T : Temperature. (C°)

Subseript:

| : Compressor inlet / suction.
2 : Compressor outlet [ exhaust,
5+ Satic.

D : Dynamic.

INTRODUCTION:

Most large machines of turbomachinery use a variable speed system to control the
load capacity, specially in refrigeration and air conditioning field. Such systems have many
advantages in controlling the load with minimum excitation of vibration (Mostafa 1994-
1).These systems have the ability 10 optimize the operating parameters with load as has been
dene in steam turbines and centrifugal compressors (Mostafa 1994-2), In the area of
resideruial air-conditioners and household refrigerators, on/ofl contrel is commonly used as
a capacity eontrol, This (on/off) technique is cheaper and simple to implement. However, iU's
disadvantage is an unavoidable reduction of Seasonal Energy Efficiency Ratio (SEER) due to
the on'off cycling losse [ Liu and Soedel 1994-11. Also, room temperature will not be stable
due 1o (on'oll) control system. The compressor efficiency and discharge gas pulsation of a
variable speed compressor are discussed by Liu and Soedel (1994-2). Using Helmholtz
resonator model and compared the results experimentally.

The following research 1s part of a series of studies to more fully understand sound
propagation from hermetic reciprocating compressors. The sound levels emitted from the
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operation of the reciprocating compressor were studied by Craun (1994). Compressor
assembly modeling by Ramani et al. (1994) involves detailed solid modeling of internal
component for inertia properties, developing reduced-degree-of-freedom finite element
models of the mounting springs, modeling of shockloop and modeling of the sealed external
shell. Eighty seven natural frequencies below 2000 Hz (excluding the rigid-body modes)
were found using the finite-element-based compressor assembly model, This model can be
used to predict velocity responses on the surface of the sealed shell. These velocities are used
in sound emission predictions.

Experimental mode! testing was performed by Rose (1994) using impact testing to
determine the compressor frequency response functions. Twenty three natural frequencies
were identified for the compressor housing in the frequency range below 2000 Hz. These
were correlated and the Finite Element Mode] updated by Ramani et al.(1994).

Through the use of multiple-input /single-output (MISO) modeling, the propagation
paths of sound within a reciprocating hermetic compressor have been investigated and ranked
by Craun (1994). Using compressor far-field sound output, suspension spring forces, and
mtemal suction, exhaust, and housing pressure fluctuations, a MISO model has been
developed. This model identified the importance of the suspension system forces in
generating the compressor far-field sound spectrum.

Furthermore, the compressor’s vibrations change with different operation eonditions
as discussed by Mostafa (1994) in an industrial cenirifugal compressor. The
aerothermodynamic parameters such as output-to-input pressure ratio and rotor speed have an
inlluence upon vibration level. This relation can be described by a second-degree polynomial.
Aerothermodynamic vibrations is synchronized with the fluid blade interaction frequencies in
centrifugal compressor.

The aim of the current work 1s to determine the vibration and acoustic signature for a
range of compressor performances. These performances are concerned with the influence of
the thermodynamic parameters such as pressure, pressure ratio and (suction, discharge,
evaporator inlet and condenser outlet) temperatures on the noise and vibration levels. These
thermodynamic parameters are thought to influence the structurebome vibrations that have
been shown to directly dominant the noise emission, This will be done while the compressor
is working under different speeds that have an effect upon the compressor load, vibration and
sound level.

COMPRESSOR TEST SETUP:

The test loop was built and installed at the Virginia Polytechnic Institute and State
University, Mechanical Engineering Department. The compressor is a two-cylinder,
reciprocating, hermetically sealed refrigeration compressor used in commercial settings.

The volumetric efficiency of the compressor is 79.8%. This efficieney was ealculated
by the manufacturer using the ARI (American Refrigeration Institute) rating condition (45°F
evaporator, 20°F superheat, 130°F condenser, 15°F subcooling, 93°F ambient) and assumes a
runming speed of 3500 rpm. The version studied here is driven by a 4.92 hp(3730w), squirrel-
eage, three-phase, AC electric motor. The compressor was sel on its standard rubber
mounting grommets and placed on hard concrete. The compressor / test bench system was
charged with R-22 refrigerant . The motor of the compressor is controlied by a variable speed
system using a frequency-control technique. The nominal speed of the compressor motor is
578 ps.

EXPERIMENTAL INSTRUMENTATION:

To discuss the aerothermodynamic parameters that affect vibration and nouse, it was
necessary to collect spectral data from a compressor operating under different conditions,
Thus, it is neeessary to install instrumentation inside the compressor housing as shown in
Fig. ().

.19
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Speed control
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Sound level near field microphone
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Fig. (1) [nstrumentation of The compressor
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Fig (2) Dynamic pressure spectrum of Por, Ppa, Pp:
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To measure the pressure [luctuation which might drive the shell vibration, five
piezoelectric pressure transducers were placed inside the compressor. One within the
compressor shell cavity, one near the compressor suction [ine and one within the compressor
exhaust line. The other two pressure transducers were placed in the compressor top and
bottom cylinder. Shell vibration and near-field sound were also measured with a piezoelectric
sensor and a microphone, respectively,

As can be seen in Fig.(1), the instrumentation were routed to Lheir appropriate signal
conditioning amplifiers and then into a Zonic System 7000 data acquisition unit. This unit
was then connected via Ethernet to a Hewlett-Packard HP375 workstatton running Zonic Zeta
(Ver. 4.22) software to control the System 7000. A magnetic pickup sensed a gear on the
crankshaft to reference the signals to the compression process. This gear {72 teeth) had one
tooth removed to indicate the top dead center of the piston motion. For each test, §
consecutive data blocks were acquired simultaneousty from the microphone, pressure
transducers, and other instrumentation. Data blocks were 1024 data points long, with
sampling rate of 0.078] ms/sample. This resulted in a spectral resolution of 12.5 Hz and
baseband analysis frequencies up to 5000 Hz. Fast response thermocouples type (T) were
installed at compressor inlet and outlet, and at the expansion valve inlet and outlet. The static
pressure at compressor inlet and outlet was measured.

RESULTS:

The acoustic and vibration response of the compressor are caused by the periodic
variation of the gas pressures in the compressor system. These are mainly due to the opening
and closing movements of the suction and exhaust valves which generate a pressure field on
the internal surfaces of the valves themselves. For this reason Fig. (2) shows the spectrum of
the nternal pressure in the top and bottom cylinders, the exhaust pressure, and the suction
pressure, respectively. The pressure spectrum for top and bottom of cylinder are similar. The
main peaks appear at the running speed and its harmonics, especially, the second and the
third. But, in the exhaust pressure and suction pressure the first and the third harmonics of
running speed disappear completely. This is caused by the two pistons being exactly 180
degrees out of phase. The base frequency in the suction and exhaust is twice the running
speed. The peak of the second harmonic of running speed in the exhaust and suction is
reduced 1o 1/10 and 1727 of the cylinder pressures at one time running speed, respectively.

Figure (3) shows the dynamic pressure of bottom cylinder (Ppy) as a linear function
of the dynamic pressure of top cylinder (Ppr) at 112.5 Hz. Dynamic suction and exhaust
pressures of the compressor (Pp;Pp; ) at 112.5 Hz increase in polynomial form with
increasing Ppr. The sound pressure inside the housing cavity (Pp,) at 112.5 Hz increases
with increasing Ppy, with higher magnitude.

Figures (4) & (5) represent the sound pressure spectrum inside and outside the
compressor housing, respectively. The peaks shown are the harmenics of the 57.8 rps
running speed. The compressor excitation is caused by the periodic action of the pistons and
valves system. These actions cause a rich harmonic complement of forces. When a particular
harmonic component approaches a system resonance frequency one expects an increase in
compressor vibration and/or sound. From these figures and other operating conditions the
following peaks appear to be a strongly function of the operating condition; 700, 912.5,
1162.5, 1737.5, 1862.5, 2387.5, and 4337.5 Hz. Of course, other peaks appear in these
figures. They remain substantially steady with load variaton. Pcaks |, 2, 3 and 5 are
resonance frequencies of the assembled compressor as demonstrated by Rose (1994). The
fourth peak is between all known system resonance. Thus, here these variation of sound
pressure with load can be attributed solely to forcing function variations.

By following the amplitudes at these frequencies for various operating conditions,
one will develop different response surfaces shown in Fig.(6). These figures show the sound
pressure level as a function of the static suction and exhaust pressures. Note that the overall
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Fig. ( 5) Sound spectrun outside the compressor at different conditions. (n=57.8 rps).

sound pressure level has a relation increasing along the diagonal from minimuwm to maximum
suction and exhaust pressures. This relation and all the following are highly significant with
second degree form. This analytically is:

I(Overall sound)= 96.86 -3.732 (Ps; x10")+1.698(Py; x107%)
+0.2094(Ps5, x 107+ 0.1184(P;, Py, x10°5) ¢))

Figure (6) shows also that the first three frequencies (700, 912.5 and 1162.5 Hz) have the
maximum peaks at maximum exhaust pressure with suction pressure around 4.2x10° Pa.
These equanions are discribed as:

Torarvo0 1 = 22.195 +12.58 (P5, x10°7%) -1.29(Ps, 107y 0.0177(P5, %107 )
arsizs s = 6.5+15.09 (P5, x107)-1.996(Ps, x107°)? +0.144(P5,Ps:x107%) 3
i o nses wma = 1631-155 (Ps; x107) -1.63(Ps, x107)- 00144(P5, x107%Y
4

At 1737.5-and 1862.5 Hz other important peaks appear at exhaust pressure around 14.5x10°
Pa with suction pressure equal to 3 .4x10° Pa. The higher exhaust and suction pressure result
in lower noise level. Thesc relation are:

Lar 1797 5 1y = 24.514+0.185(P5, Ps:x10°) &)
Ix(m 186250y = 8811+ 16639(})5‘; X lOS)-1.969(P5, ){10-5)2 (6)

At 2387.5 and 4337.5 Hz the peaks increase at higher suction and exhaust pressure according
to the following equations:
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Ly 23875 19 = 2.877+17.351(Pg, x10°)-2.072( Py, x 10 @
Totaraasr s 1y = 50.44-2 68(Pg, x10°°)-1 26(Py, x10°°)+0.1184( P, Pex 10™) (8)

Figure (7) represents the vibration spectrum at the long face of the compressor, Fig.
{1), which is recommended to pickup most of the radiated frequencies by Craun (1994). From
this figure and other operating conditions, the peaks that change significantly with load, were
700, 1275, 1512.5, 1962.5 and 4750 Hz. The first and the fourth one are matched with
compressor resonances. By following the amplitudes at these frequencies for various
operating conditions, one can develop the response surfaces shown in Fig. (8). These figures
show the acceleration level as a function of the static suction and exhaust pressures. The
response surface at 700 and 1275 Hz have the same trends. In both cases the acceleration
peaks are at an exhaust pressure of 14.5x10° Pa and maximum suction pressure 6.25x10° Pa.
These relations are:

a (o084 = -12+1.698(Ps:x 1071+ 0.33(P5, x 107’
0.0463(Ps:x107) -0.0897(Ps, Pex107™) (9

@ (o5 i) = -2.58+1 658(Ps;x10°)0.032(Ps, Pox10™) {10)

The response surface of 1512.5 Hz, 1962.5 Hz, and the 4750 Hz acceleration appear
to have the same trend, but with many more peaks along the 5.8x10° Pa suction line. The
{ollowing equations apply: )

@ rarrsirs ) = -1.071-0.0069(Ps: x10°) +0.09(Ps; Ps:x10™) an

Q@ car 10025 1) = 5.385 ~2.638 (P5;x107) +0.208(Py; x10“')f_
0.00697(Ps> x 107%)+ D0656(Py Pex10™) (12)

The response surface of 4750 Hz has the same trend with maximum peaks occur along a line
of suction pressure equal zbout 4.4x10° Pa and starting at exhaust pressures of 12x10° Pa
with the following equations:
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Fig. (%) sound pressure level function of suction
and exhaust temperatures ( 7= 57.8 mps )

@ ¢ marso s = 0.07179 <0.008461(Ps; Poux107) 4R

All the above relations are significant within the tested operating range (Pg,=(1.6 10 5.9} x10°
Pa & Por=(10.4 10 20.8 y 210 Pa).

Figure (9) represents the sound pressure level as a function of the suction and exhaust
compressor termperature. This figure shows that maximum sound pressure level appears
around (105-120 (' exhaust) with suction temperature between 23-25 C°. This figure gives a
complete indication that the capacity load control will give a wide range of operation with
low sound intensity level,

Using the speed control sysiem, the compressor system gives a wide range of
operating pressure ratic from 2,07 - 7.6. Using these operating conditions at different
frequencies and running speeds, one can develop the different response surfaces shown in
Fig, (10). These figures show the sound pressure level as a function of pressure ratio and
running speed. Note that the overall sound pressure leve! has an increasing relaton along the
minimum pressure ratio line with increasing running speed. This relation:

L{Overall sound)= 60.7157 = 0.5893xn - 0.00464xn" - 0.1938xr" +0.035Txuxr (14)
Figure (10) shows also that the three frequencies (12xn, 20xn and 30x# Hz) have the

maximum peaks al minimum pressure ratio with maximum and minimum running speeds.
These relations are:

11”_?‘\',, ﬁ_—,'“+0.2225XH-3.1504.\'J" (15)
Lrtar 300m 11 =-24.32 + 2,816V 30 - 3.444x0 - 0.0242xn (16)
Lyvar son 1 = 32.5887 - 0.7421x7° +0.0864xmxr (17)

At 16xn Hz other important peaks appear at a lower speed, around 64 ms, with minimum
pressure ratio (around 3). This relation is:

Lot i6en 1 = 35.82 - 0.7607x+" + 0.0804xuxr (18)
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At 32xn, 41xn and 75xn the peaks increase at higher speed (from S4xn to 70xn) and
minimum pressure ratio with the following equations:

Fotar 170 11 = 34,623 - 0.6952x°+0.09 1 xnxr (19)
Lt aran i1z = 30.498 - 0.5774x+% + 0.755xnxr (20)
otot 730m 1y = 34.3443 - 0.0066xn -1.635x7 +0.222xnxr 2V

The vibration frequencies dominating the acceleration level that are affected by the
pressure ratio and running speed are 12, 22, 26, 41, 73 times of the running speed. Figure
{11) shows the first three frequencies (12xn, 22xn, 26xn Hz) have the maximum peaks at the
minimum prassure ratio and motor speed of 54 rps. These relations arc:

ot 120 1y = ~4.0006 +0.5466xn -3.8887xr-0.0045xn° + 0.3345%° (22)
Qe 230 11 = -15.35240.6501x1-0.004 1 x7°+0.191183x-%-0.0438xr1xr (23)
B 2azn it = -27.31 + 1.1188xn - 0.0093xn% - 0.0146xmxr (24)

At 41xn and 75xn Hz other important peaks appear at lower pressurc ratio around 2.1 and 3
with running speeds equal to 70 and 62 rps respectively. These relations are:

@ (ariee 1) = 0.0608 - 0.0451r% + 0.0065 n.r @5)
& (7500 1) = 0.0466-0.0301 I + 0.00435 n.r (26)

It is clear that the vibration acceleration is function of running speed with minimum level at
minumum speed.

Figure (12) presents the extcrnal overall sound pressure level as a function of
compression ratio and acceleration level. This figure shows that maximum sound pressurc
level appears from 4.7 to 5 compression ratio with maximum acccleration. The mimimum SPL
occurs at minimum pressure ratio.

CONCLUSION:

One of the causes of excitation of the housing of the hermetic reciprocating
refrigeration compressors is the periodic gas pressure variations which interact with many
cOmMpressor elements.

* The sound pressure level inside the housing eavity have higher values at the highest
dynamic pressure of bottom and top of cylinder with frequency equal to the running
speced multiplied by the number of 180 degrees out of phase cylinders. The same trend is
seen with dynamic suction and exhaust pressures.

* The main frequencies of sound pressure level that affected by the aerothermodynamic
paramelers are 712.5 Hz, 912.5 Hz, 1162.5 Hz, 1737.5 Hz, 1862.5 Hz, 2387.5 Hz and
4337.5 Hz at a speed of 57.8 rps. These peaks maintained significance at 12w, 16xn,
20xn, 30xn, 32xa, 41xn, 75xn Hz over varying the running speed {from 35 to 72 rps). The
farst three and the fifth are matched with the compressor resonances.

* The main frequencies of acceleration level that are affected by the aerothermodynamic
parameters are 700 Hz, [275 Hz, 1512.5 Hz, 1962.5 Hz and 4750 Hz at a running speed
equal 57.8 rps.

*By varying the compressor speed (from 35 10 72 mps) the corresponding frequencies of
acceleration level that are affected by the aerothermodynamic parameters are 12 rps, 22
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ps and 26 rps which are matched with the conipressor resonances. But, with varying the
speed the harmonic 41 and 75 of the running speed have also significant relation with
pressure ratio and running speed.

* The sound pressure level and vibration at these corresponding frequencies have significant
second degree relations function of pressure suction and cxhaust of the compressor or
with pressure ratio and running speed.

* The maximum sound pressure level appears around (105-120 C%) with higher compressor
suction lemperature and at cormpression ratio 4.7 to 5.

* A wide range of operation is available using the speed control system which also, at a
lower speed (lower load) emitted lower noise level and vibration intensity.

This data could he useful for using speed control imstead of (on/off) system for saving energy

with wide operation range, lower vibration and sound levels.

In the future this data could provide a knowledge base for an expert system which
would enable to spot instantaneously the parameters which are affecting the compressor
performance.
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